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SUMMARY 
 
Given the large impact of the building sector on the final energy demand, special interest lays 
in passive cooling techniques, such as night ventilation. Unfortunately, a lack of 
understanding concerning the coupling between the ventilation air and the thermal mass by 
night stands its widespread application in the way. Therefore, the authors of this paper 
investigate by computational fluid dynamics turbulent mixed convection cooling in a 
rectangular enclosure – resembling a night ventilated landscape office. Based on the 2D 
Annex 20 test case, four different orientations of the inlet and outlet are considered while 
varying the Archimedes number – ranging from forced to mixed convection. Also the location 
of thermally massive elements is varied. Locating the inlet and outlet at the top of the room 
induces the highest convective heat transfer. Meanwhile, locating the thermal mass at the 
floor has more potential than at the ceiling 
 
 
 
INTRODUCTION 
 
Mankind is the first species which changes planet Earth, consciously. As now, a critical 
climate change comes close, governments, world-wide; take – to a certain extent – measures 
to reduce the collective emissions of greenhouse gases. Moreover, as fossil-fuel energy 
resources are running out, coordinating attempts are made to scale down the energy 
consumption. For example, since the building sector is responsible for 40% of the final energy 
demand in Europe, the European parliament ratified the Directive on the Energy Performance 
of Buildings 2002/91/EC. In particular, a significant savings potential lays in passive cooling 
techniques, especially using thermal mass in conjunction with night ventilation – as 
experimentally shown in, amongst others, [1], [2], [3], [4], [5]. At night, – natural or 
mechanical – ventilation cools down the building fabric and the following day, the thermal 
mass absorbs the heat, affecting the internal conditions as follows: reducing peak air 
temperatures and the operative temperature while creating a time lag between the occurrence 
of external and internal maximum temperatures [6]. By this, building users enjoy an improved 
thermal comfort while clients can possibly build smaller – or even leave out –cooling plants  
and operate their buildings more efficiently. Finally, reduction of the peak cooling demand 
would be of great interest to the power generating industries. Numerous studies (e.g. [7], [8]) 
identified the main parameters – classified under climate, building and system – related to 
night ventilation efficiency. Apparently, the thermal coupling between the ventilation air and 
the thermal mass by night – mainly determined by the convective heat transfer – plays an 
important role. Unfortunately, in-depth analyses of the impact of air flow patterns on the 
storage efficiency – and the night ventilation performance – stay limited to a few 
experimental and numerical studies (e.g. [9], [10], [11], [12]). Meanwhile, for applications 
other than buildings, such as the design of cooling systems for computers and other electronic 
equipment, investigations into the effect of mixed convective flows in rectangular enclosures 
are common (e.g. [13], [14]). In this, computational fluid dynamics (CFD) is used as a cost-
effective alternative to experiments. Thus, given the need for this type of studies for building 
applications, the authors of this paper investigate by CFD turbulent mixed convection cooling 
in a rectangular enclosure based on the test room of Annex 20 [15.] – corresponding to a night 
ventilation regime in a landscape office. First, using Fluent 6.3.26 [16], isothermal and non-
isothermal simulations, identical to the original Annex 20 cases, are performed to validate the 
simulation model. Subsequently, four different orientations of the inlet and outlet are 
considered, i.e. both the inlet and the outlet openings are placed either on the top or the 
bottom of the side walls alternatively. Additionally, the buoyancy source is varied: a cold jet 
and a cooled floor/ceiling. Simulations are carried out over a range of Archimedes numbers – 
from forced to mixed convection – to measure and quantify the best possible inlet and outlet 
placement configuration to achieve a higher convective heat transfer and to obtain a minimum 
average room air temperature Ta,avg inside the enclosure. Also, the temperature and velocity 
fields are presented. The dependence of the thermal and flow fields on the locations of the 
flow openings is studied in detail. 
 
METHODS  
 
Specification of test cases 
 
The details of the geometry for the configurations are shown in Figure 1 – at least for the top-
bottom (TB) configuration. For setup a), c) and d), the inlet and outlet placement 
configuration is varied, keeping the dimensions constant: top-top (TT), bottom-top (BT) and 
bottom-bottom (BB). Obviously the height of the supply opening is rather large compared to 
practical diffusers. However, this geometry makes an inlet specification direct at the opening 
possible instead of an approximating diffuser model.  
 
a) b) 
c) d) 
Figure 1. Schematic models for TB configuration: a) Annex 2D1and CC1, b) Annex 20 2D2, 
c) CC 2 and d) CC 3. 
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Meanwhile, for every case, the inlet velocity u0 is given by Equation (1) for a kinematic 
viscosity of ν=1,53·10-6m²·s-1 at a constant inlet temperature of T0=293.15K. The Reynolds 
number Re is based on the slot height h because the flow is strongly influenced by the inlet 
conditions which correspond to a turbulence intensity of 4%. 
 
5000Re 0 =⋅= ν
uh  (1) 
  
As a verification and validation, unsteady numerical calculations are performed on 
configurations a) and b) representing the isothermal test case 2D1 and the non-isothermal test 
case 2D2 of the Annex 20 project – as specified by Nielsen [17]. In the isothermal case, all 
surroundings are kept at a temperature of Ts=293.15K while in test case 2D2 a heat flux is 
added along the floor, increasing the Archimedes number Ar – defined by Equation (2).  
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β, g and ΔT stand for respectively the volume expansion coefficient, the gravitational 
acceleration and the temperature difference between return and supply. Alternatively, for 
convection cooling case 1 (CC1), the Archimedes number is increased – starting at Ar≈0.01 
through Ar≈0.1 to Ar≈1.0 – by increasing the temperature of the surroundings Ts. Similarly, 
assuming adiabatic surroundings – representing thermally light elements –, the temperature of 
the floor/ceiling – considered as the sole capacitive element – is increased (CC2/CC3). For 
simplicity, these temperatures are set equal to the ones used in CC1 – i.e. Ts=298.15K, 
Ts=313.15K and Ts=473.15K. 
 
Simulation approach 
 
As suggested by Voigt [18], the grid is build from 18 to 23 blocks – depending on the 
configuration –all containing j² points. As the simulation results depend crucially on the grid, 
the grid quality should be high and the resolution fine enough. To determine the relative error 
introduced by the grid resolution, the grid convergence index (GCI) based on Richardson 
extrapolation – as described in [19] – is calculated for case Annex 2D1 using j=16, 32 and 64. 
Using local variables fj(x,y), namely the x-velocity vx and the turbulent kinetic energy k, the 
grid with j=32 introduces relative errors limited to 0.02% for half of the parameters and so a 
small error band around the solution on the grid, i.e. f32(1±|GCI32-16|), applies. As for the 
variables which show oscillatory convergence, visual inspection of the profiles at lines x=3m, 
x=6m, y=0.48m and y=2.916m, reveals minor differences between grid j=32 and grid j=64 – 
approximating the estimated values fest – and, thus, grid j=32 proves to be fine enough. 
 
Table 1. Results of grid convergence study based on Richardson extrapolation. 
Variable(x,y)  GCI32-16 (%) f32 (-) fest (-) 
vx·u0-1(3;0,084) 
vx·u0-1(3;2,916) 
vx·u0-1(6;0,084) 
vx·u0-1(6;2,916) 
k0.5·(1,1·u0)-1(3;0,084) 
k0.5·(1,1·u0)-1(3;2,916) 
k0.5·(1,1·u0)-1(6;0,084) 
k0.5·(1,1·u0)-1(6;2,916) 
0.01 
0.00 
Oscillatory convergence 
Oscillatory convergence 
Oscillatory convergence 
Oscillatory convergence 
0.00 
0.02 
-0.15 
0.81 
-0.25 
0.62 
0.08 
0.12 
0.11 
0.09 
-0.15 
0.80 
- 
- 
- 
- 
0.11 
0.09 
 
As all room air flows are turbulent and resolving the Navier-Stokes equations to the smallest 
scales is unpractical, the use of turbulence models for mean flow is currently appraised. 
Unfortunately, no single turbulence model is universally accepted as being superior for all 
classes of problems. In case of two-dimensional ventilation flows, Chen [20] found that the 
ReNormalization Group (RNG) k-ε gives the best overall results for a range of Archimedes 
numbers typical for building applications and for an impinging jet flow. Therefore, in this 
paper the RNG k-ε model is used, except for the isothermal case – for which the standard k-ε 
is also tested. Additionally, in the near-wall region the turbulence is modeled by enhanced 
wall treatment – as suggested by Awbi [10] for non-isothermal indoor air flows. 
 
Alongside the governing equations, the boundary conditions determine to a large extent the 
reliability and the accuracy of CFD predictions [15]. The CFD user needs to define the 
convective heat flux or surface temperature at enclosure surfaces and the flow entering or 
leaving the room at wall openings – as specified in Figure 1. 
 
All properties of the indoor air, except for the density, are kept constant at an air temperature 
of Ta=293.15K. To model the density, the Boussinesq approach can be used as temperature 
differences are not too large [8]. 
 
Because of limited computational power, the segregated solver is used. Besides, as the finite 
volume method is applied, interpolation schemes are necessary to replace the values at the cell 
surfaces with values at the grid points. For all convection terms the second-order upwind 
scheme is used – consistent with [21][22]. The pressure-velocity coupling is made by the 
SIMPLE algorithm and for the discretization of pressure the PRESTO scheme is applied. 
Finally, the under-relaxation parameters for all variables are modified consistent with Fluent 
recommendations for mixed convection flow – i.e. where density is strongly coupled with 
temperature. 
 
RESULTS 
 
Validation 
 
For the isothermal Annex 20 test case, the simulated variables – i.e. vx and k at lines x=3, x=6, 
y=0.084 and y =2.916 – fit the measured values well – of which Figure 2 shows an example. 
 
a) b)  
Figure 2. Dimensionless velocities vx·u0 along two vertical lines a) x=3m and b) x=6m. 
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To validate the non-isothermal case, the authors determine the turning Archimedes number 
for which a reduced penetration depth takes place – following Schwenke [23]. The simulated 
jet falls to the room around Ar=0.02 – as found in the measurements. 
 
Convection cooling case 1 
 
Having all enclosure surfaces acting as thermally heavy elements, both configurations which 
introduce the cold air at the top – i.e. TT and TB –, induce a higher convective heat transfer 
than BT and BB – as shown in Figure 3. In particular for mixed convection – represented by 
Ts=473.15K –, TT performs considerably better than TB. Alternatively, the BT configuration 
lowers the average room air temperature the most. In this case, the cold jet does not 
counteract the stratification of the air while hot air is extracted at the top. Unexpectedly, TT 
shows a higher room air temperature compared to TB as a vortex near the exhaust at the top 
diverts the flow back to the room – as shown in Figure 4. 
 
(a) (b) 
Figure 3. Average convective heat transfer coefficient hc,avg (a) and average room air 
temperature Ta,avg (b) for CC1. 
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 (a) (b) 
Figure 4. Variation of streamlines (a) and isotherms (b) for TB and TT (CC1, Ts=473.15). 
 
Convection cooling case 2 
 
For a thermally heavy floor, similar observations can be made for the convective heat transfer. 
However, in case of predominantly forced convection, the inlet location does not play a 
significant role – contrary to CC1. For all configurations, similar near-boundary conditions 
apply: both the velocity and temperature fields close to the floor are to some extent alike and 
induce a similar convective heat transfer – as shown by Figure 6 as an example. For mixed 
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convection, the configurations with the inlet at the top produce higher values as the cold jet 
falls down on the floor, accelerated by gravity – contrary to BT and BB. Meanwhile, all 
configurations all cool the enclosure effectively. 
 
(a) (b) 
Figure 5. Average convective heat transfer coefficient hc,avg (a) and average room air 
temperature Ta,avg (b) for CC2. 
 
 
(a) (b) 
Figure 6. Dimensionless x-velocity vx·u0 (a) and dimensionless air temperature T·Ts-1 (b) at 
line x=3m for CC2 (Ts=298.15K). 
 
Convection cooling case 3 
 
As in the previous convection cooling cases, the TT configuration produces again the highest 
convective heat transfer alongside TB: the jet induces relatively high velocities and large 
temperature differences near the ceiling (Figure 7). This effect is minimized for mixed 
convection where the jet falls down. Thus, at higher Ar number no configuration performs 
better than the others. Besides, having a hot ceiling induces stratification: BB shows the 
highest stratification while TT mixes the room air – as the falling jet creates a vortex (Figure 
8). However, this does not influence the mean room air temperature considerably. 
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(a) (b) 
Figure 7. Average convective heat transfer coefficient hc,avg (a) and average room air 
temperature Ta,avg (b) for CC3. 
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 (a) (b) 
Figure 8. Variation of streamlines (a) and isotherms (b) for CC2 TT and CC1 BB (Ts=313.15). 
 
Cross-comparison 
 
Reviewing the predicted convective heat transfer coefficient for CC2 and CC3, shows that the 
hot floor case is superior to CC3 for mixed convection. However, in case of predominantly 
forced convection, also TT and TB of CC3 produce a convective heat transfer similar to CC2. 
(Figure 3, Figure 5, Figure 7). 
 
DISCUSSION 
 
This study shows the importance of the relative inlet and outlet positions for convective 
cooling. To improve the performance, the inlet should be located at the top of the room 
inducing a cold jet penetrating in the room. Meanwhile, the air should be also be extracted at 
the top. Moreover, as the highest convective heat transfer occurs at the floor, this element 
should be made thermally massive for convective cooling. Additionally, this position of 
thermal mass can prove useful in absorbing direct solar gains. However, further research is 
regarded necessary. Also more configurations, e.g. the inlet and outlet at the same wall or the 
inlet vertically directed, should be investigated. Finally, three-dimensional configurations 
with complex diffusers should be considered. 
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